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This work presents a systematic analysis of the tribological properties of the lubricant and the thermal exchange
effect on the deformation of the solid-fluid structure between the piston and cylinder block in an axial piston
pump. A thermo-elastohydrodynamic model is established and used to study the pump. Fluid film properties,
friction forces and leakage of the solid-fluid structure are calculated and analysed under normal operating
conditions of the axial piston pump s. The friction and leakage losses representing the direct total power loss are

analysed for different conditions. Furthermore, the thermal effects on the oil film properties and lubrication
mechanisms are calculated and discussed. This work provides sufficient methods and processes to evaluate the
causes of the lubrication failure. It proves that the effects of heat exchange in the energy loss and efficiency loss
between piston and cylinder are critical. Finally, some suggestions are given for a better design of the axial piston

pump.

1. Introduction

The axial piston pump (APP) is a positive displacement pump in a
transmission system for high efficiency, power density, and structure
compactness. Its popularity stems from its ability to control the effective
fluid displacement per shaft revolution. Thanks to these capabilities and
performance compared to other types of pumps, its demand and field of
application have steadily increased in line with the time. This high de-
mand in many applications leaded APP to face the problem of perfor-
mance and efficiency losses. The piston/cylinder interface is one of the
critical friction pairs presented in Fig. 1, which plays an essential role in
the APP’s lubrication mechanism and durability conditions.

The lubrication mechanism based on the behaviour of the physical
properties of the solid-fluid structure is undoubtedly the appropriate
medium to study and improve the performance of the APP. De-
velopments in technology in the hydraulic fields recently imposed the
need to build APPs that are increasingly sophisticated and capable of
operating at very high speeds and pressures [1,2]. These new challenges
also require innovative methods for preventing APP performance loss,
and thermos-elastohydrodynamic deformation (TEHD) is unequivocally
one of the appropriate methods to better predict the physical phenom-
ena of the solid-fluid lubrication structure.

The energy loss and performance of APP on the piston-cylinder
interface are mainly due to friction forces, leakage flow effects and
deformation of the solid-liquid structure. Many types of research have
been carried out on various aspects to address these problems. The fluid
lubrication and structure improvement of APPs were conducted,
considering various impact factors such as operating conditions, geo-
metric parameters, materials’ impact [3-9], texture and surface coating
[10]. These researches on mixed solid-fluid structures and piston sur-
faces contribute to understanding the elastic deformation mechanism of
piston and cylinder.

Some researchers have carried out works on heat exchange and the
elastic deformation of the piston and the cylinder. Shang and Ivanty-
synova [11] have evaluated the temperature distribution in the piston as
a function of piston size. Their study considered the heat transfer and
generation in the liquid-solid structure and the solid body deformation
due to pressure and thermal loading. Zhao et al. [12] have considered
and studied a similar model. Pelosi and Ivantysynova [13] used the relief
inertia method to calculate the elastic deformation affecting the stress
mechanics on the piston and cylinder. Temperature distribution and
elastic deformation were evaluated separately under specific operating
conditions. Their calculation results showed that the elastic deformation
of the piston and cylinder could be 2.84 ym and 5.5 um, respectively, but
the impact of temperature on the deformation was not taken into
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Nomenclature

B Strain displacement matrix [-].
C Constitutive matrix [-].

Cp Heat capacity [J.Kg~'.K'].
Fx Fluid force [N].

Frax Axial friction force [N].

Frtan Tangential friction force [N].
Fsx Swashplate reaction force [N].
Frp Slipper friction force [N].

Frx Piston friction force [N].

h Fluid film thickness [um].

k The thermal conductivity [W. m~1.K1].
p Pressure [Pa].

Rb Cylinder radius [m].

Rk Piston radius [m].

t Time [s].

T The temperature [K].

Qv The heat-flux density [W. m~2].
u,v Velocity components [m.s1].

B Swashplate inclination angle [rad].
Pr Volume expansion coefficient [°C~'].

Compressibility coefficient [m?™].

Shear stress [N/m2].

Shaft speed [rad].

The mechanical dissipation term [W/m®].
Liquid density [Kg/m®].

initial liquid density [Kg/m°].

Viscous shear [Pa].

Fluid viscosity [Pa.s].

Pump speed rotation [rad/s].

Total potential energy [J].
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Fig. 1. The main lubricating interfaces in axial piston pumps.

account.

The use of TEHD would not only allow the practical evaluation of the
heat exchange effects on the deformation of solid bodies but would also
help to analyse the behaviour of the oil film thickness and between the
piston and the cylinder. It is necessary to ensure good lubrication and
predict the characterisation of the pressure of the corresponding film.
The fluid pressure behaviour also makes it possible to analyse the car-
rying capacity of the piston to avoid possible solid-solid contact. Well-
known researchers widely use the Reynolds equation to predict the
film pressure [7,14,15] for calculating fluid pressure. Pelosi and Ivan-
tysinova [16] conducted the pressure measurements and compared
them with numerical results. The results enabled them to predict the
behaviour of the film while considering the deformation of the piston
and cylinder surface. Song et al. [17] conducted a numerical study of the
influence of temperature on lubricating characteristics at the pis-
ton/cylinder interface based on flow speed’s direction. However, the
impact of elastic deformation was neglected. Nie et al. [18] researched
the fluid structure between the piston and cylinder by evaluating the
effect of elastic deformation on the oil thickness and the pressure.
However, they did not consider the heat exchange effect in their work,
which would significantly impact the analyses.

As one of the most significant sources of power loss between the
piston and cylinder, viscous friction forces have attracted much atten-
tion in recent decades [19-21]. Manring [22] established a system for

piston-cylinder friction based on lubrication conditions and a test device
for measuring frictional characteristics in low-pressure and low-speed
operations. Ma et al. [23] investigated the friction behaviour with the
influences of the cylinder length, the clearance, and other structural
parameters on the pump film thickness and the misalignment angle.
Still, the effect of temperature on the lubricant was neglected. The
temperature rise in the solid-liquid structure decreases the lubricant’s
viscosity and increases the leakage flow. Some researchers have done
substantial work analysing and calculating the flow between the piston
and cylinder. Bergada et al. [24,25] used analytic equations to develop
full computational fluid dynamics (CFD) models to predict leakage flow
between piston and cylinder block. Qian et al. [26] presented coupled
thermal fluid-structure interaction model for the piston/cylinder inter-
face leakage of a high-pressure fuel pump for diesel engines. They found
that the thermal expansion of the cylinder is one of the most critical
factors in increasing the leakage. The friction power loss and the
structure interaction model were analysed [8] for the grooved pis-
ton/cylinder interface of various temperatures and piston/cylinder
interface lengths [12]. The length varies with the piston motion, and
their result demonstrated that the friction power loss increases slightly
when the length increase from 0.25 to 1.

As previously stated, many researchers have studied the lubrication
performances of piston/cylinder interface in axial piston pumps under
isothermal conditions, and there is a significant number of in-
vestigations on the subject. However, few of these studies have used
analytical methods to examine the interaction relationship between the
elastohydrodynamic behaviour, the temperature effect and solid body
deformation. The deformation of fluid and solid bodies considering the
impact of temperature on the piston/cylinder interface is not studied.

This paper investigates the TEHD lubrication performance of the
piston/cylinder interface. Under various operating conditions, pressure
distribution, film thickness distribution, temperature, leakage, and
friction losses are well discussed in the film gap between the piston and
cylinder. The thermos-hydrodynamic deformation (THD) and TEHD
models are compared for the lubricant properties, and the thermal ef-
fects on the lubrication mechanism and efficiency loss are investigated.

2. Mathematical modelling

It is known that energy loss is determined by the film properties,
which depend on the eccentricity of the piston and the interface defor-
mation (induced by pressure and thermal). Consequently, developing
the TEHD method for the film is more than necessary to establish better
concepts and predictions of the energy loss.
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2.1. Film thickness

Considering the kinematic of the piston/cylinder assembly, the oil
film between the piston and the cylinder can be expressed as follows
[14]:

h(zk, k) =

\/(Rb.cosqu - )C(ZK))2 + ((Ry.singy — y(zx)) )2 €))
—Rg (zx)

where h(zk, ¢ ) represents the oil film thickness at any position (zx, ¢g).
For any cross-section between ‘A’ and ‘B’ planes, the eccentric piston
state is described in Fig. 2. Fig. 2(a) and (b) are respectively representing
the inclined and top view of the 3D piston cylinder, while Fig. 2(c)
represents a 2D cutting plan. (X, y;, 2,) represents the centre positions of
the piston; (e;, ez) and (es, e4) represent respectively the eccentricity
values at the ‘A’ and ‘B’ planes; Ry, Rp, ¢ represent respectively the
piston radius, the cylinder radius, and the shaft angle.
— @Zf’ +e 1
e e ©)
= 12 Zp + e

Eq. (2) represents the piston eccentricity equation. The initial ec-
centricity changing rate (e;, e», €3, e4) is set to be (—0.00002, 0.00028,
0.00028, —0.000025), where they can be obtained using the Newton-
Raphson method based on the eccentric motion equation of the piston,
as follows:

(t+ A1), ex(t+ A1), e(t+ Ar), eés(t+ Ar) 3)

Then the eccentricity acceleration (é;, €;, €3, €4) at any time step is
calculated with
et 4 Ar) — é(1)

e _SVT R TOY i1, .., 4 4
# = C =1, . )

where “i” is the iteration number and At is the time difference, the
convergence of the result is checked according to the following criterion:

Skl sk
€; —¢
é/_s'+1

i

i=1,..4 5)

If Eq. (5) is satisfied, the next step will be carried out otherwise [é;,é;,
és,e4] will be renewed.
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Fig. 2. Piston/cylinder chamber inclined section and definition of pis-
ton position.
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2.2. Pressure distribution

To predict the fluid pressure, the well-known Reynolds equation has
been derived by substituting the expression of the fluid velocities in the
incompressible continuity equation and integrating it over the liquid
film thickness direction [27,28]. Its cartesian coordinates’ form is
written as follows:

d (40 d [ 0p
ﬁ("ﬁ)*%(%)

AN ®
+6u =0
~ (-0l Oh oh
+Vi (2 o o

In Eq. (1), the film thickness h(x,y,t), the shear velocities u(x,y, t)
and v(x,y,t) will be given by the previous time step. By solving
numerically Eq. (6), the pressure p(x, y, t) can be obtained and then used
to derive the flow velocities and the stresses. 4 and V are equal to 0 when
z = 0 and respectively equal to constant values ux and vx when z = h.

2.3. Friction force

Between the piston and the cylinder block, the viscous friction forces
change dynamically during the revolution of the shaft due to the APP
kinematics and oscillating load conditions. Therefore, the rotational
speed and the shaft angle ¢ significantly influence its behaviour.

The loads exerted on the piston body are represented in Fig. 3, where
Pp is a displacement chamber pressure, Fpy is the displacement pressure
force, the viscous friction force Frg axial force Fay,, transversal force
Fsiy, swashplate reaction force Fs, centrifugal force Fyk, and the viscous
friction force between a piston and cylinder Frg. Fig. 4.

Using the boundary of the given condition in 2.2, the flow velocity
can be given as follows:

~ 1 ap 2 ~ Zz
M*ﬂdf,x\(z *hZ)+*Mk
19 @
~ D 2 ~
V:ﬂa_y( — hZ) + v
where ux = 0.Ryp, vy = — w.Rp.tanf.sing, % and % can be obtained by

solving Eq. (6). From the fluid velocity distribution given in Eq. (7), the
shear stresses on the piston and cylinder surface are determinable
considering the fluid flow as Newtonian flow. X = (dx/2)¢g, ¥ = zx and
z =h.

Using Eq. (7) the shear stresses acting on the piston surface equation
can be calculated as follows:

®
L0 dp (L h
T#l‘t?z*”'thyG >

Fr(g) = / “(p)dA ©)



G. Haidak et al.

Tribology International 175 (2022) 107846

l
SK. y FSK — FTB
( Fox  FTH
A
Ly
T g, Fluid—» Piston

—
Ty, Piston «— Fluid

@ .

P
P— Az — P+ Ay
z — r—‘
o Y ——
Ay

Fig. 3. Piston forces diagram.

N | |

n | |

wl P E ?g |

W =1 VT

s i i

S | !
D A | ””””””

I | |

Fig. 4. 2D dimension grid discretisation.

DK Ymax

From = / / )

v (10)
DK Vmax

/ e d5dz (b)

0 0

F’l',ax =

Eq. (9) gives the general expression of the viscous friction force
acting on the piston, which can be broken down into two components,
the tangential and axial components, as given in Eq. (10) (a) and (b).

2.4. Leakage flow model

The volumetric loss, one of the direct power losses on the piston/
cylinder interface, is derived from the velocity distribution integration
in Eq. (7). Due to the different conditions encountered by the piston/
cylinder interface, the leakage flow varies during one shaft revolution,
namely a function of shaft angle [27]. The expression of the instanta-
neous leakage flow for one single piston Qcp1(¢) and leakage flow for
pistons Qcp(¢) can be obtained by Eq. (11); where Z is the piston number
and ‘d’ is the angular separation of piston and it is equal to 360°/Z.

2

W dp vh
Ocri(@) = /(@ £ - %)Rdﬁ

0 an

Z+1)/2-1

(
Ocr(p) = Ocri (o + ia)

i=

2.5. Energy equation

The thermal model is a critical part of the lubrication mechanism
APP since the heat deforms the interfaces and decreases the lubricant
viscosity. The energy equation in Eq. (12) is considered in the non-
isothermal fluid flow numerical model for predicting the temperature
distribution in the fluid film within the gap. According to [3], the time
derivative of temperature is negligible; thus, the energy equation we
applied is in the form:

£60)-262)
C'[)(V‘()—TWLV"O—T):l A BN T Jrﬁ@o 12)

x vy, p +@<ld_T) P
0z \' 0z

where @p represents the mechanical dissipation term

aa\*  [(ov\?
(& had 13
Dp ( a?) + ( 02) 13)
According to [29], the liquid viscosity can be expressed as a function
of the temperature

u= ﬂo.exp(app — ky (T — To)) 14)

where y, is the reference fluid viscosity; a, is the viscosity pressure
coefficient; kr is the viscous temperature coefficient.

2.6. Solid heat transfer and deformation

To calculate the elastic deformation of the solid bodies (piston and
cylinder), the fundamental finite element analysis of the potential en-
ergy dissipation equation and methodology proposed by Schenk and
Ivantysynova [30] consists of analysing numerically one single part and
extending. The total potential energy in the element expressed in Eq.
(15) element nodal forces are derived from external pressure loads and
internal thermal stress,
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Fxl
Fy
F:l
H=U,+ Vy = %/ (Bu)" C(Bu)aV —u"{ (15)
Vv Fxn
Fu
Fa

where g, fp and p, represent the volume expansion coefficient, the
compressibility coefficient and the initial oil density, respectively; U, the
nodal forces vector due to thermal-induced stress and Vyr the nodal
forces vector due to external loads.

2.7. Power loss

The total power loss between piston and cylinder block in APP is the
combination of the loss due to the viscous friction force (Psr) and the loss
due to the leakage (Psq), which can be expressed in the following
equations:

vZ
Psr = p—Db.l. 16
h
P L AP s a”n
T o 1

where b represents the width of the sealing land , [ is the piston length.
Thus, the expression of the total power loss between piston and cylinder
block is given as follows:

PSZP51'+P5‘Q (18)
3. Calculation and simulation
3.1. Numerical methods

Based on the mathematical modelling described in the previous part,
the numerical solution of the lubricant parameters, including its film
thickness, pressure and temperature model, is described below.

Eq. (1) is used for calculating the oil film thickness, which will be
incremented into the Reynolds equation, Eq. (6), to calculate fluid film
pressure using the finite volume method.

op 1 o’p
A N B I
Pi-1j = Dij Xp 0x,, Lj+2 Y 0x,* ij
ap 1 ap
i1 = Pig T A 5= | DA S|
Pi+1j = Pij + X 0x,, I-J+2 K 0x,? i.jJr
19
BN op +£A A PP v
Pt =pu = A0ig | FRAIG ]
g n
=pi+A P +1A 2| 22 *
Pij+1 = Dij Yp ()yp y 2 Y sz L
N Ly

By neglecting the higher-order terms of Eq. (19), its approximation
can allow us to quickly find the terms of the partial derivatives of the
pressure field as follows:

% :Pi+u —Pi-1j (a)

Ox 2Ax

(20)
@ _ Pij+1 — Pij-1 (b)
dy 2Ax
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9 i — 2P+ Pio
Op _ i1y = 2pij+piy (@)

on? Ax® @n
op _ Dijs1 = 2pij + pija b
e Y

Substituting Egs. (19), (20) and (21) into Eq. (6), we can obtain:

3 oh 3 oh
142ay,2 1-2a5,2"
( 2 y”51> ® (1-3 x"ax) (k1)

Pijr1 2Pic1j T
Ay 2T A
242 (—”) *
Ax, 22 Ay, (22)
3 oh oh oh
1 —2Ay.— 6 up— 4 vi=—
< 2 y"dz)p(m) _ ( % o
Ay N 2P 3 3
2+2<Ayp> ( 2h L 2h 2
X /‘(Axp) ﬂ(Ayh)

By setting A;;, B;j, Cij, D;j and E;; in Eq. (22) equal to these following
values, respectively,

3 oh
1+3A%,%)

Ajj = ( 7
242 (%ﬁ)
6 | gy
1-3Ay,% Kaoxp T Vkay
1—3 dez)z andEiJ — _
Ayp 3 3
242 (—) 2k 2h
2 M(AXP)2+M(AYp)2

the pressure at any single point P;; can be written as follows:

(1+%AYP%)

2
242 (ﬁ%)

(1-3a%%)
Cij — 2240y Dij —

- 2y
2+2 <ﬁ)

Bi.j =

Dij = Aij.Div1j + Bij.pic1j+

(23)
Cijpijr1 + Dijpij 1+ pij

Knowing the lubricant’s characteristics can help determine its ca-
pacity to resist the maximum heat, maintain a suitable lubrication
mechanism and prevent wear from friction and eventual solid body
contact. It is critical to emphasise that the contact of solid bodies is the
direct cause of the exaggerated deformation, damage, or cracks of the
piston and cylinder block in the APP.

The temperature is obtainable by the resolution of Eq. (12) energy
equation), using the similar method as described and used to calculate
the pressure above. The balance for the generation of the heat diffusion,
Eq. (13) in the control volume, the fluxes through the piston cell surface
are determined. The linear tetrahedral elements can be used to discretise
the solid body for the thermal conductive analysis.

Fig. 5(a) presents the solid body meshing type, and Fig. 5(b) gives the
piston surface open domain and its Finite Volume Domain discretisation.
The solution of the diffusive form of the energy equation is obtained for
mechanical body parts. The temperature distribution is used to deter-
mine the thermal stress condition for the solid parts and as a more ac-
curate surface temperature boundary, T, for the fluid film. For the piston
and cylinder mechanical bodies, the solution of the linear system of
elastic equations is obtained. The elastic deformation of the solids is
determined using external pressure and internal temperature loads. An
iterative method is used to obtain the solution of pressure surface elastic
deformation while running the complete FEM analysis offline. The
thermal deformation is solved by running the entire FEM analysis.

Thus, the same Cartesian to natural coordinate transformations
apply. Like the elastic linear tetrahedron, the temperature field is
assumed to be a weighted linear combination of the four nodal tem-
peratures, as shown in Fig. 5(a). The temperature of a point with natural
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Fluid Volume Element

Circomference

Fig. 5. Calculation domain and meshing types for solid (a) and fluid (b).

coordinates (L1, L2, L3, L4) is interpolated where.

Tp=[T1 To T3Ta{ly Ly Lz Ly }' and T(x,y,z) =
[Nt Ny N3Ny{Li Ly L3 L4 }T. One of the necessary conditions
to avoid contact between solid bodies is to ensure that the set of external
forces applied to the piston should not be greater than the fluid pressure
force in the cylinder chamber.

Fig. 6 presents the complete solution scheme of the simulation
model. The parameters are solved at discrete intervals corresponding to

IBegin l—>l Initial conditions |

| Finite Volume Body Temperature |<—| New oil film thickness
A

Y
Elastic deformation, Thermal Load,
Complete FEM

Newton Iteration
Squeeze Motion

\4

Calculation of the deformed fluid geometry No
Yes orce
Calculation of fluid properties balancg
BET) PED X
Y
Solid body deformation

Pressure loading and deformation

Calculation of pressure | [Calculation of temperature
p(i.j) TG
Reynolds’ equation Energy equation

l Piston

Calculation of the temperature micro-motion
distribution in the piston/cylinder 7'y
assembly
pand T No
converge?
Yes

Fig. 6. The complete fully-coupled solution flow chart.
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a progressive increasing shaft rotation and different load conditions. The
Reynolds and the energy equations, respectively, given by Eq. (6) and
Eq. (13) are solved on a finite volume discretised domain. The most
inner loop helps in solving the non-isothermal fluid film flow equations.
The fluid properties, including viscosity, density and the surface elastic
deformation due to the dynamic pressure field, are updated at each
iteration. The rigid constraint condition determines the pressure and
thermal elastic deformations.

The solid-body deformation and temperature are calculated using
the tetrahedron finite mesh element analysis. Here, the analysis is
approached as a partitioned fluid-structure interaction analysis, with the
nonlinearity accounted for by an iterative Picard scheme on the outside
[31]. As a result, pressure-deformation convergence is achieved by
employing a smart under-relaxed fixed point Picard iteration that ad-
justs the under-relaxation coefficients proportionally to the pressure
residual behaviour. The thermo-elastohydrodynamic fluid film
described thus far represents the algorithm’s core, where the most inner
loop solves the non-isothermal fluid film flow equations iteratively. The
fluid properties and surface elastic deformation caused by the dynamic
pressure field are updated at each iteration step. The fluid film geometry
determines the fluid film pressure build-up, which continuously changes
over one shaft revolution due to the piston’s oscillating external loads
and relative motion to balance the changing external loads. The hy-
drodynamic pressure that builds up in the fluid film must generate
enough fluid forces and moments to balance the external ones defined in
part 2.3.

3.2. Solids and fluid properties

This part contains information on the properties of the solids (piston
and cylinder) and the lubricant used for numerical calculations and
simulations. The table arranges this information as follows: Table 1
shows the dimensions of the piston and cylinder; Table 2 contains the
mechanical properties of the piston and the cylinder; and finally, Table 3
shows the properties and characteristics of the viscous liquid used as a
lubricant.

4. Results and discussions
4.1. Validation of the results

The oil temperature is chosen and compared with other published
works to validate our model. We used similar operating parameters and
boundary conditions to simulate the temperature distribution and
compared it with the experiment performed by Pelosi and Ivantysynova
[16]. The initial conditions and input values are as follows: the differ-
ential pressure of 22.5 MPa, shaft rotational speed of 1000 RPM, and the
temperature of high and low-pressure ports are respectively 48 °C and
43 °C. Fig. 7(a) presents a simulated piston/cylinder interface, and Fig. 7
(b) depicts the measurement result carried out in [16]. These results
show that the model could describe the oil temperature behaviour and
distribution well.

Table 1
Piston and cylinder dimensions.

Dimensions Values [mm]
Piston Inner diameter 12

Piston outer diameter 17

Diameter of the piston’s head hole 2

Piston length 45

Cylinder hole’s diameter 17.012
Length of the cylinder hole 57
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Table 2
Mechanical properties of piston and cylinder block.
Piston Cylinder
Mechanical Properties 20CrMnTi Steel ZQA19-4
Steel
Yield [MPa] 415 923
Tensile [MPa] 520 333
Shear modulus [MPa] 80000 81000
Poisson’s ratio 0.28 0.30
Thermal conductivity [W/m.K] 46.60 42.20
Mass density [Kg/m’] 7800 7900
Elasticity [N/mm?] 207 GPa 117 GPa
Table 3
Fluid properties.
Parameters [units] Values
Dynamic oil viscosity [Pa.s] 0.070
0il density [kg/m® ] 1035
Heat conductivity of oil [W/m.K] 0.037
Heat capacity oil [J/kg.K] 2000
Kinematic viscosity pressure coefficient [-] 1.5e 713
Thermal conductivity of oil [W/m.K] 0.037
Kinematic viscosity weighting factor [-] 0.900
Kinematic viscosity-temperature coef. [-] 3.787

~
&
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~

[ Y T\ - Y
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Fig. 8. Piston coordinates motions, e3 sab e; (a)
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4.2. General results

During the normal working condition of APP, the first half rotation
angle (between 0° and 180°) is subjected to high displacement chamber
pressure and the second half (from 180° to 360°) is at low pressure. The
piston displacement path can also overflow the initial and statical path
that the piston would follow when coaxial; the results of piston move-
ment are shown in Fig. 8. The displacement diagram shows the move-
ment of the piston axis within the piston clearance. On the displacement
path, the piston position is marked for some angles of rotation of the
cylinder block.

In the normal working condition of APP, during the compression
(0-180°), the external loads on the piston become enormous due to the
compressive forces. Therefore, the piston tilts strongly in the liner to
compensate for these transverse forces. Subsequently, the displacement
path is very close to the edge of the piston clearance, and minimal gap
heights occur. However, in the suction zone (180-360°), only a low
external force load occurs, and the displacement path is not so close to
the edge of the piston clearance. As a result, the gap heights increase,
and temperature decreases the lubricant viscosity, increasing viscous
friction forces.

Fig. 9 shows the behaviour of the viscous fluid properties between
the piston and cylindrical block. The simulation domain is the opened
piston surface, as shown in Fig. 5(b). Each simulated parameter (p,
handT) is presented for four different chosen angles (45°, 90°, 180°,
and315°). The numerical calculations are performed at a rotational
speed of 3000 rpm, and the higher pressure is set at 40 MPa. Due to the
critical role that the gap height plays in determining the pressure fields,
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Fig. 9. (a) Fluid film thickness (1st row), (b) fluid film pressure (2nd row) and (c) temperature distribution (3rd row) on the piston/cylinder interface in APP over

one shaft revolution.

it is first calculated using Eq. (1). As presented in Fig. 9, the first raw (a)
gives the viscous oil film thickness, (b) gives the hydrodynamic oil film
pressure and (c) the oil film temperature.

For one shaft revolution, the external load is higher between 0° and
180° (loading or pressurising zone). Therefore, the oil film pressure is
also higher, and the oil film thickness becomes small (minimal). This
proportional inverse relationship can be explained by the pressure
gradient relying on the second derivatives of shearing velocities in the
creeping flow. For a certain shaft rotation angle, the maximum differ-
ence of the pressure varies up to 24 MPa, while the maximum difference
of the fluid film thickness varies up to 8 um. We can also observe that
higher pressure generally corresponds to a thinner film (vice versa), as
reported in the literature [16]. Given certain shearing velocities
(depending on the piston motion), a thinner film will lead to a larger
pressure gradient, hence a higher pressure.

Furthermore, this proportional inverse relationship prevents the
eccentricity from increasing consistently, i.e., helping to maintain the
film. Our results also show similarities with the research results con-
ducted by Nie et al. [18] regarding areas with high and low oil gaps. At
the same time, the differences between the maximum fluid thickness for
different angles are not as wide as theirs. As we can see in Fig. 9(a), the
difference in oil thickness between 45° and 135° angle position is 2 pm,
and between 270° and 315° is 3 pm. This is relatively small compared to
their result, which is 12.2 pm for between 90° and 270°. Fig. 9(b)
demonstrates the change in hydrodynamic pressure distribution at the
piston/cylinder interface for 45°, 90°, 180°,and315°. The difference
in pressure between 135° and 270° angle positions is 18 MPa. Pro-
ceeding the same comparison same angle positions from [12], we get
14 MPa. This confirms the validity of the results of our model.

4.3. The impact of elastic and hydrodynamic deformation on the
lubrication mechanism

The external pressure force acting in the displacement chamber leads
the entire block to bend around the constrained splined surface. A three-
dimensional solid body heat transfer model calculates the solid tem-
perature profile. The piston and cylinder bodies’ deformation is per-
formed to show the real heat impact of the transfer on the deformation of
the solid bodies. Fig. 10(a) shows the elastic deformation without the
thermal effect, while Fig. 10(b) shows the thermoelastic deformation of
the solid bodies. It is visible that the thermal effect is significantly
enlarging the elastic deformation of both piston and cylinder block. We
can see that the deformation increases by 8 pm for the cylinder and 2.2
pm for the piston.

The piston body deformation plays a significant role in the mecha-
nism and lubrication process of the piston/cylinder interface, especially
in terms of the maximum fluid thickness. The applied external pressure
highly influences the deformation. Fig. 11 compares the oil film thick-
ness and pressure film distribution calculated by THD (a) and TEHD (b).
Due to the external load on the piston, the variation amplitude of film
thickness decreases significantly with increasing load pressure. The
maximum dynamic film thickness increases by 4 pm (4%) while the oil
pressure increases by 5 MPa (20%) as the deformation is considered. It is
explained by the fact that the elastic deformation of the solid body
creates more gaps between the piston and cylinder.

Furthermore, the hydrodynamic pressure effect causes visible elastic
deformation of the piston surface. Comparing our results with those of
reference [32], which did not take into account the effects of tempera-
ture, we can note that the impact of elastic deformation increases the
maximum oil thickness by more than 42% for the angular position of 90°
and by more than 24% for 270°. This large increase in the fluid gap
without the thermal effects seems more critical to an excellent lubrica-
tion mechanism.
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4.4. Impact of the heat and operating parameters on the viscous friction
force and leakage flow

To better understand the behaviour of the axial friction forces during
the normal working condition of APP, several parameters are considered
during the numerical computation using Eq. (10). Results are presented
in Fig. 12 as follows: (a) for three different values of viscosity (100 °C, 80

°C and 20 °C) with a fixed shaft speed (1200 rpm); (b) for three different
values of shaft speed (1000, 1500 and 2000 rpm) with a fixed load
(30 MPa); (c) for three different values of loads (40, 20 and 5 MPa) with
a fixed shaft speed (1200 rpm).

It is worth noting that axial friction forces appear to be proportional
to the load. Similar results have been found by Ivantysynova and Lasaar
[3], where a comparison of axial friction forces with the standard
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CASPAR version and measurement assuming rigid and EHD part simu-
lation. The simulation results of this work fit better with their mea-
surements, especially for the high-pressure value.

It is also noticeable that the influence of viscosity on both axial and
tangential friction forces is imminent. According to the simulation result
in Fig. 12(a), the increase of initial oil temperature from 20 °C to 80 °C
increases the maximum axial friction force from 20 N to 45 N. And if the
initial oil temperature changes from 20 °C to 100 °C, the maximum axial
friction force increases by 44N. Similar remarks can be made for axial
friction forces by varying the shaft rotational speed and applied load in
Fig. 12(b) and (c). The behaviour of the axial friction forces for different
shaft speeds is not as linear as for the applied loads. From Fig. 12(c), it
can be concluded that axial friction forces are proportional to the
applied load. This helps to analyse the piston load carrying capacity and
the impact of external force on the power loss due to friction forces. The
pressure difference and the piston movement affect the gap volume flow.
There is almost no pressure difference with the suction stroke, and the
gap volume flow is caused only by the piston movement. To give a view
of the leakage flow behaviour in the normal working condition of APP,
three parameters, which are initial oil temperature, piston clearance and
external load have been chosen as variables. Three different values have
been given to each variable for the numerical calculation, as we can see
in Fig. 13.

The influence of the temperature (through the oil viscosity), the
pressure (load) and the piston clearance on gap volume flow are clearly
visible. As it can be observed, the gap volume flow has a minimum value
at a rotation angle of ¢ = 90° at maximum axial piston speed. Although
our model is unique in terms of length and dimensions, the results match
the shapes of other published work results [32]. Fig. 13(a) gives the
influence of temperature on the volume flow between piston and cyl-
inder block. The decrease of 20 °C in temperature leads to the rise of
leakage flow up to 0.032 L/min. Fig. 13(b) presents the impact of the
piston clearance on the gap volume flow. With three different given
values of the clearance, it is observable that the gap volume flow in-
creases with increasing piston clearance. It is observable that the leakage

flow increases and becomes less stable when to increase the clearance
between piston and cylinder. Similarly, Fig. 13(c) shows how the
leakage flow increase with the pressure (applied load). The leakage flow
varies proportional variation of the leakage flow with pressure in the
loading zone (0-180°) can reach the difference of about 0.07 L/min in a
maximum value while it remains almost the same in the discharge zone
(180-370°).

4.5. Friction power losses

Fig. 14 compares the friction power losses behaviours on the piston/
cylinder interface for three different values of oil temperature, pressure
and gap. As the load increases, the viscous stresses increase, inducing a
higher temperature and a lower viscosity; and a higher load causes
higher viscous stresses, thus the higher friction loss. Three initial tem-
peratures are chosen to calculate the power loss due to friction, as we
can see in Fig. 14(a). These results reveal that the frictional power loss
increases with decreased fluid viscosity and rising temperature.

In order to compare our model and methodology with published
works [12], which principally focused on the impact of a;, which is the
difference between piston and cylinder length, are considered and used
for the calculation of the friction power loss. The results for three
different a; values are shown in Fig. 14(b). From this result, it can be
seen that the by reducing ¢y from 1 to 0.25, the maximum value of
friction power loss decrease by 19 W between 0° and 180° and by 9 W
between 180° and 360° degrees, while results in [12] are approx-
imatively 3 W and 2 W, respectively. This difference in value can be
justified by the heat effect considered in our model. In the same way,
Fig. 14(c) shows the evolution of the lost power as a function of external
pressure. It is proportional to the external forces applied. In general, the
friction power loss has a large value during the loading period (between
0° and 180°), which can also be confirmed from [8,12].

This paper provides an in-depth TEHD model to study axial piston
pumps’ piston/cylinder interface. Important parameters involved in the
efficiency loss mechanism of the piston/cylinder interface, such as the
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Fig. 13. Leakage flow with a fixed shaft speed at 1200 rpm for a single piston: (a) for different values of temperature, (b) for different values of piston clearance, and
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applied load Conclusions.

friction forces, leakage flow and energy loss, are computed and analysed
under different operating conditions.

For a certain shaft rotation angle of the typical case (rotational speed
of 3000 RPM and a load of 40 MPa), the film thickness and pressure
differences can vary up to 8 ym and 24 MPa. By comparing the results
with and without elastic deformation of the solid interface, the film
thickness and the pressure increase by 5% and 20%, respectively.
Thermal effects on flow are critical where the decrease in fluid viscosity
of 0.03 Pa.s leads to an immediate boost of 0.08 L/min.

The increase in temperature between the piston and the cylinder
leads to a rise in viscous frictional forces. By varying the initial tem-
perature of the fluid from 40 to 55 °C, the maximum value of axial
friction force increases up to almost double the initial value. The friction
forces decrease by increasing the rational speed or decreasing the load.

The loss of viscous friction varies proportionally with the tempera-
ture, the external pressure and the distance between the end of the
piston and the bottom of the cylinder, respectively. The lost power
reaches its maximum when the piston tip exits the maximum of the
cylinder chamber, varying until reaching a difference of 19 W in the
high-pressure zone and 9 W in the discharge zone.

The effects of heat exchange on the elastic deformation of solid
bodies are not excluded in our research. The comparison between elastic
deformation with and without temperature effects is analysed. Setting
the temperature at 41 °C, the results reveal that the elastic deformation
of the piston increases by 2.2 pmwhile that of the cylinder increases by 8
pm. This shows that the thermal effect can influence the film dynamics
strongly.

From the results of this work, some suggestions to improve the APPs
design and lifespan can be summarised as follows: the use of new ma-
terials alloys with a high capacity of absorbing heat and minor defor-
mation for manufacturing pistons will help to reduce the heat transfer in
the pressure line between the piston and cylinder block in APP. The
consideration of temperature effects in predicting the lubrication
mechanism of the piston/cylinder interface is more realistic to the
normal working condition of the pump. The TEHD does not only import
the effects of flow or elastic deformation but directly the power of the
pump. It is important to point out that the methodology used in this
work, particularly for solving Reynolds’ equation and energy equation,
can be applied to other APPs lubricating interfaces such as slipper/
swashplate and cylinder/valve plate. The employed analysis and FVM
will remain the same despite the geometric differences.
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